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ABSTRACT

Oil lubricated thrust and journal bearings are widely used in industrial machines such as in stone crusher
applications. In this study, a laboratory-scale test device for the evaluation of hydrodynamic lubrication in
thrust bearings is developed. In the test device, the normal load, rotation speed, lubricant supply temperature
and inlet flow rate can be adjusted and measured continuously and independently. In addition, thrust plate
temperature and friction torque can be measured. This allowed initial testing of the functionality of the
transient hydrodynamic model, which had been developed earlier to enhance bearing design and the testing
process. The results show that the trends of the measured and the calculated results correspond well. The
absolute friction coefficient values are also in reasonable agreement. The obvious main cause for deviation
of results is the oil temperature in the pad inlet, exact estimation of which, by theoretical or experimental
means, is complicated.
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INTRODUCTION developed /Lehtovaara, 2005, 2006, 2007/.
These are the three-dimensional transient
models for the numerical evaluation of the
hydrodynamic lubrication of thrust and
journal bearings with reasonable calculation
times. The numerical methods are preferred

because bearing side leakage, dynamic

Oil lubricated thrust and journal bearings are
widely used in industrial machines such as in
stone crusher applications. The crushing
process causes high dynamic peak loads to
bearings, which complicates the bearing

design. Bearings can be oversized, but this
causes unnecessary friction and power loss as
well as the need for additional oil flow, which
lowers the total efficiency of the crusher. In
crusher applications, bearing optimization is
in general very challenging and expensive
measurements, with long lasting full-scale
tests, are required to validate the design.

To enhance the bearing design and testing
process, advanced design tools have been
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operation conditions, thermal effects and shaft
misalignments must be considered. An
analytical  solution  for  hydrodynamic
lubrication of these bearings can only be
found for very limited operating conditions
and bearing geometry. The theoretical aspects
and main properties of hydrodynamic
bearings can be found for example in
references /Hamrock, 1994/ and /Stachowiak
and Batchelor, 1993/ and /Esdu, 1982/.
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Experiments were needed to obtain measured
data for bearing behaviour and to test the
model for design purposes. As a first step,
laboratory-scale experiments were preferred.
In this study, a laboratory-scale test device for
the evaluation of hydrodynamic lubrication in
thrust bearings is developed. Further, the
functionality of the model and the test rig as
well as the input values for the model are
evaluated by comparing experimental and
model results.

EXPERIMENTAL
Test device

The test rig is built on a thick steel plate and it
consists of an electric motor, a shaft, test
bearing, thrust plate, connector, hydraulic
load cylinder and lubrication unit as shown in
Fig. 1.
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Figure 1. Principle of the test rig.

An electric motor rotates the shaft, which is
supported by two ball bearings for radial
forces and by one ball bearing for axial
forces. The test bearing is attached to the end
of rotating shaft. The loading of the test
bearing is generated by the hydraulic cylinder,
which is attached via a connector to the thrust
plate. Lubricant is supplied to the test bearing
through the connector and a hole in the
middle of the thrust plate as shown in Fig. 2.
The connector is attached via a joint on the
top of the hydraulic load cylinder ensuring
parallel contact between the test bearing and
the thrust plate.

Thrust plate  e===

Connector—-l

L5

Figure 2. Bearing installation.

The lubrication wunit circulates lubricant
through the test bearing and controls the oil
inlet flow rate, pressure and supply
temperature. A separate lubrication line is
arranged for the shaft bearings.

Test bearing

A fixed-pad type thrust bearing consists of a
steel thrust plate and a sector-shaped bearing
with fixed load carrying pads, as shown in
Figure 3.
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Lubricant
groove

Figure 3. Test bearing geometry.

The bearing was made of bronze and is
divided into eight pads. The bearing outer and
mean diameters are 100 mm and 75 mm,
respectively. Lubricant is supplied to the
middle of the bearing as described earlier.
Lubricant that does not enter the contact area
flows out through the grooves. Under steady-
state conditions, hydrodynamic lubrication
takes place between the rotating pads and the
thrust plate as lubricant enters the converging
wedge-shaped pad geometry, i.e., a physical
wedge pressure-generating mechanism
operates. In a transient situation, a squeeze
film effect may temporally maintain the
lubrication film. The detailed geometry of the
pad and the plate is shown in Fig. 4.
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Figure 4. Geometry between pad and plate.
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The length of the each pad L is 25 mm at the
mean diameter, where the inclined part is 20
mm and the land part at the pad outlet is 5
mm. The width of the pad b is 20 mm. The
shoulder height s, i.e., taper rise of the
inclined part pad had a design value of 50 pum.
Because the shoulder height is a crucial
parameter in bearing design, the geometry of
the three pads was measured using a
coordinate  measurement  device.  The
measured pad shoulder geometry was
observed to be well within the required
tolerance. In numerical calculations, a pad
shoulder value of 47 um will be used, based
on the measured results. The pad was
modeled as a rectangular area, where the one
side of the rectangle is the length at the mid
point of the sector shaped pad (L) and the
other side of rectangle is b. The use of
rectangular pad data for the design and
analysis of bearings with sector shaped pads
does not lead to errors of practical
significance with sector angles of up to 45°
/Esdu, 1982/.

The configuration of a bearing rotating
against a fixed plate was chosen to allow the
option in the future of installing additional
sensors on the thrust plate to monitor the
distribution of oil film thickness and pressure
if necessary. The rotating bearing will cause
some additional churning losses if only at
high operating speeds.

The test rig was calibrated by replacing the
test bearing with the axial force ball bearing
similar to the existing one that takes the shaft
axial forces. The effect of a possible small
radial runout from the axial bearing to the
radial ball bearings was eliminated by
positioning eight loose bearing balls below
the axial bearing. This floating attachment
approximately acts in a similar way to the
lubricated test bearing. The test rig was
operated with this setting in all test case
conditions, which included losses from two
axial and two radial bearings. The share of the
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power loss arising from shaft radial bearings
was determined and eliminated by rotating the
device in the test cases without a load. In this
way, the power loss of the shaft related axial
and two radial force bearings can be measured
in every test case and excluded from the
results. The external bearing losses were
between 6-24 % of the total losses, so that the
calibration procedure was considered to be
reasonably accurate.

Measured signals

The normal load was measured by pressure
sensor for the hydraulic cylinder. This loading
system was calibrated with a separate force
sensor before the actual measurements. The
oil supply temperature was measured with a
thermo element 50 mm before the test bearing
contact. The controller maintained the
temperature fluctuations within = 1 °C. The
thermo elements with amplifiers were
calibrated with a laboratory thermometer in
every 10 degrees in a temperature range of
30-90°C. The bearing sliding velocity can be
adjusted by varying the speed of the electric
motor which was controlled by a frequency
transformer. The motor speed was measured
continuously with a tachometer on the shaft,
having been initially checked with another
tachometer straight on the head of the motor
shaft. Oil flow rate was measured by oil flow
sensor, which has known calibration values.
The thrust plate temperature was measured
with a thermo element placed 1mm below the
thrust plate sliding surface. The thermo
element was located on the central line of the
bearing pads. Friction torque was measured
with a stain gauge-based sensor located next
to the electric motor. The torque sensor was
calibrated using a torsion arm and weights
after each set of measurements at a given
temperature had been completed.

Lubricant

Gear lubricant of class ISO VG 150 was used.
This mineral oil was filteted by using a 3um
filter. Lubricant viscosity was measured with
capillary  viscosity = meter at every
measurement temperature and average values
from three separate measurements are shown
in Table 1.

Table 1. The test lubricant viscosity (mm?/s).

40°C 50°C 60 °C

1 149.5 86.3 58.7

2 147.8 89.4 56.3

3 148.0 84.4 56.6
Average 148.4 86.7 57.2

The results are within the range given by the
oil manufacturer. The lubricant specific heat
Cp and density p is assumed to be constant, so
that c,*p = 1.7E6 J/(m® K). The effect of
pressure on viscosity is ignored.

Test matrix

The test matrix was designed to fulfil the
demands of the Taguchi method /Taguchi,
1987/. The nine experimental test cases each
with four main parameters (load, sliding
velocity, oil inlet flow rate and supply
temperature) form a Lo orthogonal array as
shown in Table 2. After each set of tests the
test was repeated with calibration settings in
order to eliminate the effect of external
bearing losses. Pure hydrodynamic lubrication
conditions were sought in the tests.
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Table 2. The test matrix.

Table 3. Results of the measurements.

Mean .. | Oilinlet | Oil suppl Thrust .
Case | Pressu velocit | tiow tempefaau); Friction plate Friction | 5 e
re y rate e Case | coefficient | temperature torque loss
(m/s) , 0 (Nm)
(MPa) (I/min) °C) (°C) (W)
1 0.5 3 1 60
2 0.5 5 2 50 1 0.010 68 0,955 73
3 0.5 8 3 40 2 0.0102 63 0,972 | 124
4 1 3 3 50 3 0.0190 55 1,82 374
5 1 5 1 40 4 0.0071 59 1,35 104
6 1 8 2 60 5 0.0073 71 1,40 179
7 2 3 2 40 6 0.0082 74 1,57 322
8 2 5 3 60 7 0.0052 66 2,00 154
9 2 8 1 50 8 0.0050 72 1,93 248
9 0.0049 89 1,90 389

Before the measurements begun, oil was
circulated over the night at the test
temperature. A set of tests at one temperature
were measured in sequence. Before each test
temperatures were stabilized. The
measurement time for each test was 20 min.
All measured data was stored and later
analysed. Sampling frequency was 2 Hz for
temperature and velocity measurements.

RESULTS AND DISCUSSION

The actual friction torque in the test bearing
was obtained by subtracting the measured
external bearing torque from the measured
total friction torque. The friction force was
calculated by dividing the test bearing friction
torque by the torque arm, which was
calculated from the centre of the pads’ surface
area. The friction coefficient was obtained by
dividing friction force to normal force and the
power loss by multiplying friction force with
sliding speed at the centre of the pads. The
test bearing friction coefficient, temperature,
friction torque and power loss are shown in
Table 3.
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In test case 1, the bearing did not work
optimally because of the extreme combination
of operating values. In case 3, the friction
coefficient is very high due to the high sliding
velocity combined with low oil supply
temperature.

The comparison of the model and the
experimental results

A three-dimensional transient model for
hydrodynamic lubrication of fixed thrust
bearings has been developed earlier
/Lehtovaara, 2005/. Only a brief outline is
presented here. The solution is based on the
Reynolds equation by assuming Newtonian
fluid and incompressible lubricant as follows:

O [P, 2 peiP =6neuba—h+12a—h (1)
ox\ ox) oy\ oJy OX ot
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In addition to the film thickness h and the
pressure distribution p, the model calculates
friction, fluid flow rate, power loss and
temperature, which are based on an effective
temperature approach. The plate shear force
Fy for one pad in the x-direction is expressed
as:

b/2 L
A

-b/20

The friction coefficient f is the friction force
Fy divided by the normal force and the power
loss hy is the friction force F, multiplied by
sliding velocity. Assuming that all the heat
produced by the viscous shear is carried away
by the lubricant, the bulk temperature rise of
the lubricant AT is given as:

h
AT = P (3)
pac,

The effective temperature T. within the
lubricant is approximated to be:

T, = T,+AT/2 4)

e

The effective viscosity n. of mineral oil is
described as a function of the effective
temperature T, for an 1ISO VG-class lubricant.

The numerical model developed had already
been tested successfully against literature
examples, which means that the program code
obeys the laws presented by the theory. The
next step was to compare the model results
with the experimental results. This will
demonstrate the functionality of the model
and the test rig as well as the input values
given to the model.

Most of the model input values can be
determined fairly easily and exactly.
However, the numerical model needs the oil
temperature at the pad inlet as an input value.
It is known to be a very difficult task to

estimate this theoretically. A varying amount
of the hot oil carry over will take place, where
a portion of the hot lubricant discharged from
one pad is entrained in the following pad
mixing with the “cold” lubricant supplied.
The models for hot oil carryover do not take
account of oil flow rate to the bearing
[Almgvist et. al., 2000/. To overcome these
difficulties, the thickness of the hot oil
carryover layer was deduced experimentally
resulting in a fraction of 44 % of the entering
oil film thickness in the studied application
[Almgvist et. al., 2000/. However, this ratio is
dependent on the application and on the
operating conditions.

In this study, the tests do not have classical oil
path or direct lubrication conditions since the
oil was fed into the centre of the bearing and
it reaches the pads trough the bearing grooves
as the bearing rotates. The excess oil flows
out from the bearing through the bearing
grooves. The test arrangement has a thermo
element near the thrust plate sliding surface to
get some indication of temperature behaviour
trends under different operating conditions.
This was also utilized when estimating the oil
inlet temperature to the pads with the model
calculations as follows:

Tin = (I-su +Tp)/2 (5)

where Tg Is the measured oil supply
temperature to the bearing, and T, is the
measured thrust plate temperature. It is
obvious that this equation is an
approximation. Even so, it would be a useful
feature for designers, if the model and
experiments show similar kinds of behaviour
trends.

The model was used to calculate figures for
the nine cases and the results are shown in
Figures 5 and 6 together with the
experimental results. A large range of
operating conditions was tested in the
experiments. As stated earlier, the test Case 1
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suffered slightly from extreme operating
conditions, which is seen in the higher friction
coefficient in Fig. 5.
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Figure 5. The thrust bearing friction
coefficient at different operating conditions.
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Figure 6. The thrust bearing power loss at
different operation conditions.

Figs 5 and 6 show that the behaviour trends of
the measured and the calculated results
correspond well. Even the absolute values of
friction coefficients are in reasonable
agreement. The mean relative difference in
friction coefficient is 11 % in cases 2-9. The
maximum difference occurs in case 7, where
it is 23 % from the measured value. The main
source of deviation of the results is obviously
the oil temperature at the pad inlet. Another
source for deviation may be churning loss,
which exists in experiments, but in slow or
moderate sliding speeds it plays a minor role.
A possible source of error in the model is its
use of an effective mean temperature.

18

thrust bearing

Trend analysis

The first requirement for a reliable design tool
is that it is able to give correct trends for the
main parameters involved in the system. The
Taguchi method /Taguchi, 1987/ was applied
in experiments to obtain the general trends for
the effects of the main parameters (load,
velocity, oil supply temperature, oil flow rate)
on the mean response of hydrodynamic
friction, power loss and temperature
difference. Each of the four main parameters
consists of three levels. The target in using the
Taguchi method was to gain appropriate data
on the trends with a minimum number of
experiments. The corresponding results were
also simulated with the numerical model. The
results for load (mean pressure) induced
trends are shown in Figures 7 and 8. In load
induced calculations, mean values of sliding
velocity and oil supply temperature was used.
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Figure 7. Friction coefficient and temperature
difference trends as a function of mean
pressure.
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Figure 8. Power loss trends as a function of
mean pressure.
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The results in Figure 7 and 8 show that
similar trends for response parameters are
obtained from the experimental and the
numerical results. The temperature difference
dT based on measurements represents the
balance of thrust plate and lubricant supply
temperatures. In the calculations, it represents
the temperature rise in the contact i.e. Eq. 3.
In the measured trend, the slight deviation
upwards at 0.5 MPa load is obviously due to
the high friction result in the Case 1. Good
correlations were also obtained with other
main parameters induced trends, excluding
the differences caused by the Case 1 result.

Trend analysis revealed that increased oil inlet
flow rate and decreased oil supply
temperature  reduce the thrust plate
temperature. This increases friction and power
loss, but it also decreases the risk of bearing
failure. The oil flow rate is not a direct input
value in the model. This was taken into
account through control of the oil supply
temperature. More comprehensive
temperature analysis requires use of energy
and heat transfer equations resulting in
solutions that are more structure and
application dependent. However, experiments
are still needed to deduce the heat transfer and
conduction coefficients as well as the amount
of hot oil carry over for the model input
values.

CONCLUSIONS

The test device was developed for the
evaluation of the hydrodynamic thrust
bearings. The normal load, rotation speed,
lubricant supply temperature and inlet flow
rate can be adjusted and measured
continuously and independently. In addition,
the thrust plate temperature and friction
torque are measured.

The analysis by the Taguchi method shows
that the behaviour trends of the measured and

the calculated results correspond well. The
absolute friction coefficient values are also in
reasonable agreement. In eight measured
cases, the mean relative difference in friction
coefficient is 11 % and the maximum
difference is 23 % from the measured value.
The main source for deviation in the results is
obviously the oil temperature at the pad inlet.
This is the model input value for which exact
estimation, either by theoretical or
experimental means, is the most complicated.
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NOMENCLATURE

pad width in y-direction

C, = specific heat of lubricant

f = friction coefficient

Fa = shear (friction) force in x-direction,
surface a

Fr = shear (friction) force in x-direction,
surface b

h = lubricant film thickness

ho = outlet film thickness

h, = pad power loss

L = pad length in x-direction

p = fluid film pressure

Pme = Mean pressure (w./(L*b))

g = volumetric flow rate

s, = pad shoulder height

t = time

Te = effective temperature

Tin = pad inlet temperature

Tsw = lubricant supply temperature

dT = temperature difference

AT = lubricant temperature rise
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Ua = surface a (pad) sliding velocity in x
-direction

up = surface b (plate) sliding velocity in x
-direction

VG = lubricant ISO VG-class

w, = pad normal load

X = coordinate in the direction of sliding

motion

y = coordinate, transverse to the direction

of sliding motion

z = coordinate across the fluid film

n, = effective absolute viscosity

p = lubricant density
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